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Abstract

Digital hydraulics offers a cost effective and robust op-
portunity to replace expensive and sensitive hydraulic
servo valves for cylinder drives. If the digital directional
valves are operated in pulse width mode at a constant
switching frequency the mean flow rate through the
valves into the actuator is controlled by the duty ratio
of the PWM signal. However, for a proper implemen-
tation of digital hydraulic linear drives some adaptions
must be made compared to common cylinder drives. In
this paper a gas loaded accumulator is used in order
to tune the dynamics of the system for a smooth be-
havior of the drive, which is generally nonlinear. An
energy-based controller according to the passivity con-
cept in combination with a load observer is presented.
Simulations show the achievable performance.

Keywords: digital, hydraulics, switching, passivity,
control

1 Introduction

In industrial plants often hydraulic actuators are
used for the control of heavy mechanical loads due
to their invulnerable force density compared to
other drive technologies. Furthermore, the simplic-
ity and robustness of linear hydraulic actuators as
cylinders, plungers, etc. are outstanding proper-
ties of hydraulic drives. On the other hand the
mentioned actuators have a nonlinear dynamic be-
havior, which must be considered in the controller
design in order to achieve the desired control per-
formance over a wide operating range. There exist
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numerous methods dealing with the control of non-
linear dynamic systems. Well known concepts are,
for instance, exact linearization by static feedback,
input-output linearization and differential flatness,
see e.g. [1, 2]. Unmeasured system states, respec-
tively, unknown loads of flat systems can be esti-
mated with observers, for instance, according to [3].
These concepts have already been successfully ap-
plied to hydraulic actuator systems as presented,
for instance, in [4, 5, 6, 7]. These mentioned ap-
proaches rely on the knowledge of an exact math-
ematical model according to a physical description
of the dynamic behavior of the system. In cases
where such a model is not available or difficult to
obtain, concepts like sliding mode control or fuzzy
control are particularly suitable methods for the
controller design, see e.g. [8, 9, 10, 11]. Such con-
cepts have been successfully applied to hydraulic
drive systems, like presented in [12, 13, 14]. In
[15, 16, 17] an energy-based concept of impedance
control is applied to drive systems with hydraulic
actuators. Another possibility to deal effectively
with nonlinearities of dynamic systems is the pas-
sivity based control of Port Hamiltonian Systems
as presented, for instance, in [18, 19]. This method
gives insight into the flow of energy within the sys-
tem under investigation and, thus, allows often a
pleasing physical interpretation of the resulting con-
trol laws.

Today, in hydraulic drive systems the oil flow to the
hydraulic actuator is mostly controlled by propor-
tional valves or, in particular, by electro-hydraulic
servovalves. In order to achieve a fast and precise
proportional valve opening, the servovalves consist
at least of one pilot stage and a main stage intercon-
nected with a complicated mechanical or electrical
feedback mechanism. For this reason servo valves
are expensive components, which are in turn sen-
sitive against oil contamination due to the small
clearance of the mechanical valve parts. Further-
more, the resulting requirements on the oil clean-
liness lead to additional costs for adequate filter-
ing systems. Moreover, in order to achieve the de-
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sired control accuracy often critically centered spool
valves or even valves with negative valve overlap
in the closed position are necessary, which result
in high piloting and leakage flows and, thus, in
high energy consumption even when the drive is
not moving.
As an alternative digital hydraulic valves can be
used. Basically, digital hydraulics attempts to re-
place proportional valves by digital valves, see for
instance [20, 21, 22, 23]. Digital valves are much
simpler in their design, thus, such valves can be
produced at lower costs compared to servovalves
[24, 25]. Furthermore, since digital valves only have
two different switching states and large flow cross-
sections they are robust against oil contamination
compared to proportional valves. Additionally, in
case of seat type valves the leakage flow in closed
position can be avoided at all and, thus, the energy
consumption of the drive system can be reduced
significantly.
Basically, in digital hydraulics there are two differ-
ent approaches, how proportional valves can be re-
placed with digital valves; on the one hand accord-
ing to Fig. 1a with a so called Digital Flow Control
Unit (DFCU), for instance, according to [26], which
consists of a parallel arrangement of a number of
digital valves, possibly, with different nominal flow
rates in order to quantize the flow into the cylinder
like a hydraulic digital-analogue converter; on the
other hand regarding Fig. 1b, where the mean flow
can be controlled by fast switching directional digi-
tal valves operated in pulse-width-mode (PWM) at
a constant switching frequency, as presented in [27].

In this paper a hydraulic drive system controlled
with digital valves is presented. For cost reasons
the number of valves is important; thus, the second
approach (PWM) is considered here. A fundamen-
tal requirement for a high frequency switching con-
cept is that the switching frequency of the PWM
control must be sufficiently above the natural fre-
quency of the controlled drive system in order to
avoid unwanted resonance effects and, furthermore,
to obtain an averaged system model for synthesis
(see, for instance [28]). Today, the common switch-
ing frequencies of PWM operated hydraulic valves
are in the range of fPWM ≈ 50 to 100 Hz (see, for
instance, [29]). Unfortunately, the natural frequen-
cies of common hydraulic cylinder drives are in the
same range as the achievable switching frequencies.
One possibility to fulfill the requirement for a high
frequency digital valve actuation is to apply a gas
loaded hydraulic accumulator in order to lower the
natural frequency of the drive system. In recent
publications like, for instance in [7], a flatness based
control was designed in order to compensate the re-
sulting nonlinearities and the softness due to the

gas loaded accumulator. Compared to other nonlin-
ear controllers one major advantage of the flatness
based control is that even the trajectory of the drive
system is stabilized. On the other hand, in the flat-
ness approach the desired trajectory and a number
of its derivatives with respect to time are neces-
sary, which requires a rather high implementation
effort. Furthermore, experiments showed a limited
robustness of the closed loop behavior on param-
eter variations, stick-slip effects and measurement
noise. For those reasons in this paper a passivity
based control is intended, which in fact does only
stabilize the desired equilibrium, but is much eas-
ier in its implementation. Moreover, since it is an
energy based concept an improved robustness is ex-
pected.
The main contribution of this paper is i) the Port
Hamiltonian formulation of a hydraulic drive sys-
tem comprising a hydraulic accumulator suitable
for PWM control purposes and ii) the derivation
and the simulation based verification of a nonlinear
passivity based controller. Furthermore, a discus-
sion of the results, concluding remarks and an out-
look to future work are provided at the end of the
contribution.

2 Formulation of the Problem and
Preliminaries

As an example from steel industry in [30] the
so called interconnection and damping assignment
passivity based control (IDA-PBC) of a single act-
ing ram (SAR) according to Fig. 2 is presented. Its
dynamic model is ẋ

v̇
ṗ

 =

 v
1
m ((p + p) A1 − dvv − pSA2 − F )

Eoil
V C

0 +A1x
(−A1v + Q)


=
↑

p=pS
A2
A1

 v
1
m (pA1 − dvv − F )

Eoil
V C

0 +A1x
(−A1v + Q)

 (1)

with the state variables1 x for the position, v for
the velocity and p for the pressure the input flow
rate Q. The resulting control law for the flow rate
into the cylinder reads

Q = α
(
A1x + V C

0
)(

ln
(

A1x⋆ + V C
0

A1x + V C
0

)
+ 1

Eoil
(p⋆ − p)

)
, (2)

which is mainly determined by the desired mass of
the compressible fluid in the piston sided chamber

1 Instead of canonical coordinates in this paper the system
state is considered in sensor coordinates, which may result
in a better readability for hydraulic engineers.
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Fig. 2: Hydraulic single acting ram (SAR)

according to material law of the fluid ρ = ρ0e
p−p0
Eoil in

the desired position x⋆ at the load pressure p⋆ = F
A1

.
The control from Eq. (2) accounts for the nonlin-
ear system behavior due to the pressure build up in
the piston chamber and stabilizes the desired equi-
librium xd =

[
x⋆ 0 p⋆

]T . Furthermore, one
major advantage of this controller is that no mea-
surement of the velocity is required. Of course, a
pressure measurement is needed in order to estimate
the actual load force, which can be done with a dy-
namic load observer like, for instance, presented in
[31].
In this example from the literature the flow rate Q
is realized by a servovalve. As mentioned in the
introduction in this paper a PWM valve actuation
is intended, which requires a sufficient gap between
the switching frequency of the valves and the natu-
ral frequency of the drive system. For this purpose
the natural frequencies of the considered drive sys-
tems are assessed in the following.
After linearization of system (1) and using an ex-
emplary parameter set of a common hydraulic ac-
tuator according to Tab. 1 the natural frequency of
the linear drive according to Fig. 2 calculates to

ωSAR =

√
EoilA2

1(
V C

0 + A1x
)

m
≈
↑

x=0.01 m

2π · 100 Hz. (3)

Thus, in this and in many other cases the natural
frequency (3) is close to, or even, beyond the fea-
sible switching frequencies mentioned above, which
would result in a strong excitation of the drive and

Parameter Value
dead volume V C

0 = 0.05e−3 m3

accumulator volume V0 = 0.32e−3 m3

gas pre-load pressure p0 = 50 bar
polytropic exponent κ = 1.3

dead load m = 500 kg
cross-section area piston A1 = 0.0632π

4 m2

annulus cross-section area A2 = (0.0632−0.0452)π

4 m2

supply pressure pS = 200 bar
compressibility modulus Eoil = 16000 bar

viscous friction dv = 1000 Ns
m

Tab. 1: Exemplary parameters of a common linear
hydraulic drive

pS

m

Q

A1
A2

p + p
F

V0, p0

x, v

Fig. 3: Single acting ram using a gas loaded accu-
mulator for pressure attenuation (S̃AR)

would lead to large fluctuations in pressure and ve-
locity due to the switching of the digital valves. In
order to prevent a scattering movement of the drive
the switching frequency must be sufficiently above
the natural frequency of the drive. Since the switch-
ing frequency is limited by the available switching
valves, the natural frequency of the drive must be
lowered, which can be achieved by the application
of a gas loaded accumulator according to Fig. 3. In
the accumulator the elasticity of the gas spring of
the accumulator is much softer than the oil stiffness.
Thus, for simplicity and with regard to [32], the
compressibility of the fluid is completely neglected
and the dynamic model of the drive configuration
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reads ẋ
v̇
ṗ

 =


v

1
m ((p + p) A1 − dvv − pSA2 − F )

κ(p+p)

V0
(

p0
p+p

) 1
κ

(−A1v + Q)



=
↑

p=pS
A2
A1


v

1
m (pA1 − dvv − F )
κ(p+p)

V0
(

p0
p+p

) 1
κ

(−A1v + Q)

 (4)

with the same state vector x =
[

x v p
]T as of

system (1). Again, after linearization of system (4)
and with the exemplary parameter set from Tab. 1
the natural frequency of the S̃AR can be assessed
by

ω
S̃AR

=

√
κ (p + p) A2

1
V0m

(
p0

p + p

)− 1
κ

≈ 2π · 8 Hz ≪ 2π · fS , (5)

which is sufficiently below the feasible switching fre-
quency for a smooth movement of the drive. How-
ever, the application of the gas loaded accumulator
results in a probably unwanted softness of the drive,
which must be compensated by the control. Linear
hydraulic drives according to Fig. 3 were investi-
gated experimentally already in [33] or even with an
energetically high efficient switching converter con-
cept employing a flatness based control in [34]. In
the following the passivity based modeling and con-
trol of a digital hydraulic drive according to Fig. 3
is presented.

3 Port Hamiltonian Representation of
the Drive System

For the design of a passivity based control a trans-
formation of the model according to Eq. (4) to the
form of a Port Hamiltonian System is advantageous.
For this purpose the energy stored in the system
must be calculated, which is shown in the follow-
ing.
A basic property of system (4) is that the fluid is as-
sumed to be incompressible and the pressure build
up takes place with regard to the gas spring of the
accumulator, which dominates the elasticity of the
hydro-mechanical spring mass oscillator interacting
with the dead load. With regard to Fig. 4 the gas
spring in the accumulator behaves according to a
polytropic change of state

p0V κ
0 = (p + p) V κ

G = const. (6)

with the housing volume of the accumulator V0, the
gas pre-load pressure p0 and the polytropic expo-
nent κ. With the gas volume VG from Eq. (6) in

VG

VF

p+ p > p0

V0

p+ p ≤ p0

VG
=
V0

Fig. 4: Gas-loaded accumulator; left: empty; right:
fluid, respectively, energy is stored

the operating point p + p the corresponding fluid
volume in the accumulator reads

VF = V0 − VG = V0

(
1 −

(
p0

p + p

) 1
κ
)

. (7)

Below the gas pre-load pressure p0 no fluid and,
thus, no energy is stored in the accumulator; to
avoid this unwanted state the operating pressure
must fulfill p + p ≥ p0. Then the energy stored in
the gas spring of the accumulator calculates to

EG = −
∫ V2

V1

pdVG = −
∫ p

−p+p0

p
∂VG

∂p
dp

= V0

κ − 1

((
p0

p + p

) 1
κ

(p + p) − p0

)
. (8)

Under the assumption that the compressibility of
the oil is completely neglected, the energy of the
incompressible part of the fluid according to the
displacement with regard to the operating point p =
pS

A2
A1

follows to

EF = −
∫ V2

V1

pdVF = −p

∫ p

−p+p0

∂VF

∂p
dp

= −pV0

(
1 −

(
p0

p + p

) 1
κ
)

. (9)

As a consequence, the sum EG + EF has a (local)
minimum at the equilibrium with p = 0 in case of
F = 0. With the kinetic energy T = 1

2 mv2 the
Hamiltonian respectively the total energy stored in
the system reads

H (x) = EG + EF + 1
2mv2. (10)

The dynamic system from Eq. (4) can be written
in the form of a Port Hamiltonian System (PH-
system)

ẋ = (J (x) − R (x))
(

∂H

∂x

)T

+ gu (x) Q + gdF

(11)
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with

J (x) =

 0 1
m 0

− 1
m 0 ζ

0 −ζ 0

 ,

R (x) =

 0 0 0
0 dv

m 0
0 0 0

 ,

gu (x) =

 0
0

m
A1

ζ

 , gd =

 0
− 1

m
0

 ,

ζ = A1κ (p + p)
V0m

(
p0

p + p

)− 1
κ

> 0

and the output

y = gT
u

(
∂H

∂x

)T

= p.

In a PH-system the skew symmetric matrix J (x)
describes the flow of energy within the system;
R (x) is positive (semi-) definite and represents the
dissipating elements of the system. This insight into
the physics of the system dynamics is helpful for the
design of a controller as presented in the following
section.

4 Passivity Based Control

Due to the fact that the system from Fig. 3 repre-
sents a PH-system according to Eq. (11) a passivity
based controller can be designed, which is closely
related to Lyapunov’s theory. This means that the
controller design requires a certain storage function
in form of the Hamiltonian Hd in order to guarantee
stability and, furthermore, to achieve the desired
performance of the closed loop system.

4.1 Coordinate Transformation

In order to simplify the search for a qualified Hamil-
tonian Hd for the closed loop system a transforma-
tion into new coordinates is helpful. For this pur-
pose the following set of partial differential equa-
tions

∂C (x)
∂x (J (x) − R (x)) = 0 (12)

represents the restrictions for a so called Casimir
function C (x), which is a structural invariant of
the system (see, for instance, [35]). The resulting

partial differential equations

− 1
m

∂C

∂v
= 0

1
m

∂C

∂x
− dv

m2
∂C

∂v
− A1κ (p + p)

mV0

(
p0

p+p

) 1
κ

∂C

∂p
= 0 (13)

A1κ (p + p)

mV0

(
p0

p+p

) 1
κ

∂C

∂v
= 0

are solved by

C (x) = A1x + V0

(
1 −

(
p0

p + p

) 1
κ
)

︸ ︷︷ ︸
VF

= z, (14)

which allows a convenient physical interpretation:
C (x) = A1x + VF represents the total amount
of fluid in the system (4) comprising the cylinder
chamber and the gas loaded accumulator, which re-
mains constant as long as no energy passes the input
port Q, in other words, all valves are closed. Using
C (x) = z as a coordinate transformation for the
sub-state p the resulting system reads

ż =
(

J̃ (z) − R̃ (z)
)(∂H̃

∂z

)T

+ g̃u (z) Q + gdF

= f̃ (z, F ) + g̃u (z) Q (15)
with

J̃ (z) =

 0 1
m 0

− 1
m 0 0

0 0 0


R̃ (z) =

 0 0 0
0 dv

m 0
0 0 0

 , g̃u (z) =

 0
0
1


now in the new coordinates z =

[
x v z

]T .

4.2 Interconnection and Damping
Assignment

The main intention of the Interconnection and
Damping Assignment (IDA) concept is to find a
Hamiltonian H̃d and to design the matrices J̃d (z)
and R̃d (z) such that the closed loop system is stable
and provides the desired performance. One possi-
bility is an extension of the original Hamiltonian by
an augmented one as

H̃d = H̃ + H̃a, (16)
which means that the energy of the original system
is again part of the closed loop system. Further-
more, the choice

J̃d (z) = J̃ (z), R̃d (z) =

 0 0 0
0 dv

m 0
0 0 α

β

 , (17)
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results in the same structural energy flow in the
system and, moreover, an additional damping coef-
ficient α

β in R̃d (z). For the calculation of the aug-
mented Hamiltonian H̃a the so called PBC match-
ing equation

G⊥
u (z) f̃ (z, F ) =

G⊥
u (z)

(
J̃d (z) − R̃d (z)

)(∂H̃

∂z + ∂H̃a

∂z

)T

(18)

with the left annihilator

G⊥
u (z) =

[
1 0 0
0 1 0

]
(19)

must be fulfilled. Equation (18) is a set of partial
differential equations in H̃a (x, v, z), which reads

1
m

∂H̃a (x, v, z)
∂v

= 0

1
m

(
F − dv

m

∂H̃a (x, v, z)
∂v

− ∂H̃a (x, v, z)
∂x

)
= 0

and which is solved by the augmented Hamiltonian
H̃a (z) = Fx+fa (z) , where fa is an arbitrary func-
tion in z. The desired Hamiltonian is chosen to

H̃d (z) =H̃ + H̃a

=H̃ + Fx + 1
2β (z⋆ − z)2︸ ︷︷ ︸

EE

− p⋆z, (20)

where the original energy of the system is aug-
mented by the weighted energy EE of the control er-
ror between the actual and the desired fluid volume
in the system. Furthermore, in H̃d the work of the
load force F according to its displacement is com-
pensated by its hydraulic pendant p⋆z, the last term
in Eq. (20) under the assumptions F = p⋆A1 and
z > 0. In order to proof stability of the closed loop
system H̃d will be investigated around the equilib-
rium z = zd. There the desired Hamiltonian H̃d

fulfills the following conditions

H̃d (z) > H̃d (zd) ∀ z ̸= zd (21)(
∂H̃d

∂z

)T
∣∣∣∣∣∣
z=zd

=

 F − p⋆A1
0
0

 =
↑

F =p⋆A1

0 (22)

(
∂2H̃d

∂z2

)∣∣∣∣∣
z=zd

= mζ

 A1 0 −1
0 1

ζ 0
−1 0 β

mζ + 1
A1

 >
↑

p=p⋆

0,

(23)

which means that H̃d has a local minimum at
the desired equilibrium zd. Thus, the desired
Hamiltonian H̃d is a qualified candidate for a

Lyapunov function and, thus, the desired equilib-
rium zd =

[
x⋆ 0 z⋆

]T or, respectively, xd =[
x⋆ 0 p⋆

]T can be stabilized with the control
law

Q =
(
g̃T

u (z) g̃u (z)
)−1 g̃T

u (z)

J̃d (z)
(

∂H̃d

∂z

)T

−R̃d (z)
(

∂H̃d

∂z

)T

− f̃ (z, F )


= α (z⋆ − z)

+ α

β

[(
V0

A1x⋆ + V0 − z⋆

)κ
−
(

V0

A1x + V0 − z

)κ]
= α

[
A1 (x⋆ − x) + V0

((
p0

p + p

) 1
κ

−
(

p0

p + p⋆

) 1
κ
)]

+ α

β
(p⋆ − p)︸ ︷︷ ︸ .

damping injection

(24)

The last term in Eq. (24) represents an injection
of damping into the closed loop system. This can
be shown by using the Hamiltonian from Eq. (20)
without the energy of the control error EE , which
reads

H̃DI = H̃d − EE = H̃ + Fx − p⋆z. (25)

Then the output (in original coordinates)

y = gT
u (x)

(
∂HDI

∂x

)T

= p − p⋆, (26)

is called collocated to the input Q. In this context,
a simple feedback of the collocated output with the
amplification α

β according to Rd (x) from Eq. (17)
is

QDI = −α

β
y = −α

β
gT

u (x)
(

∂HDI

∂x

)T

= α

β
(p⋆ − p) (27)

and leads to

d
dt

HDI = −
(

∂HDI

∂x

)(
R (x)

+gu (x)
[

α

β

]
gT

u (x)
)(

∂HDI

∂x

)T

= −dvv2 − α

β
(p⋆ − p)2 ≤ 0, (28)

which means that energy is dissipated from the
closed loop system as long as pressure fluctuations
p with regard to the desired equilibrium load pres-
sure p⋆ occur. For β → ∞ only natural damping
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dv is present, respectively, no additional damping
is injected to the system and, thus, only the fluid
volume necessary for the desired equilibrium is con-
trolled by Eq. (24).

5 Load Observer

The controller from Eq. (24) requires the knowledge
of the desired load pressure p⋆ according to the load
force F . Furthermore, it is assumed, that the ac-
tual pressure p and the piston position x are mea-
sured. The desired load pressure, respectively the
load force can be calculated by a reduced observer
like presented, for instance, in [36, 37]. Thus, the
observer design is sketched just for completeness,
respectively, in order to give the reader the possi-
bility to reproduce the results. In the following a
constant load force, i.e. Ḟ = 0 is assumed. Then
the dynamic system of the unknown states reads[

v̇
Ḟ

]
=
[

− dv

m − 1
m

0 0

] [
v
F

]
+
[ 1

m ((p + p) A1 − pSA2)
0

]
. (29)

With the transformation

w1 = v + k1x
w2 = F + k2x

(30)

the system from Eq. (29) follows to[
ẇ1
ẇ2

]
=
[

k1 − dv

m − 1
m

k2 0

]
︸ ︷︷ ︸

AO

[
w1
w2

]

+
[

−k2
1 + dv

m k1 + k2
m

A1
m

−k1k2 0

] [
x
p

]
(31)

with the observer parameters ki, i = 1, 2. With the
estimation error

e =
[

v − v̂

F − F̂

]
=
[

w1 − ŵ1
w2 − ŵ2

]
(32)

the dynamics of the observer calculates to

ė = AOe. (33)

Since AO is time invariant it is sufficient that the
real parts of its eigenvalues are negative in order
to obtain stability of the error dynamics. This can
be achieved with a proper choice of the parameters
ki, and then the observed load force and, thus, the
desired pressure follows to

p⋆ = F̂

A1
= w2 − k2x

A1
. (34)

6 Simulations and Discussion

In Fig. 5 the block diagram of the Interconnection
and Damping Assignment Passivity Based Control
(IDA-PBC) is illustrated. Due to the fact that the
switching frequency of the digital valves is much
higher than the natural frequency of the drive the
flow rate Q with respect to the PWM duty ratio κ
can be modeled as

Q =


κQN

√
pS−(p+p)

pN
0 < κ ≤ 1

0 κ = 0
κQN

√
(p+p)−pT

pN
−1 ≤ κ < 0

, (35)

which incorporates the square root characteristic of
the digital valves2. Thus, the flow rate Q is pro-
portional to the duty ratio κ at the load pressure
p + p. Since the control law from Eq. (24) calcu-
lates an input flow rate a so called valve compen-
sation is necessary, which calculates in accordance
with Eq. (35) to

κ =


Q

QN

√
pN

pS−(p+p) ≤ 1 Q > 0

0 Q = 0
Q

QN

√
pN

(p+p)−pT
≥ −1 Q < 0

(36)

under the assumptions pT < p + p < pS and −1 ≤
κ ≤ 1.
The simulations were carried out in Mat-
lab/Simulink according to the block scheme from
Fig. 5 using a variable step solver ode45 (Dormand-
Prince). The valves used in the simulations have
a nominal flow rate of QN = 40 l/min at a pres-
sure drop of pN = 5 bar. For the PWM switch-
ing of the valves a frequency of fPWM = 50 Hz was
used. For a sufficient smooth quantization of the
duty ratio κ the sampling frequency of the PWM
signal was chosen to fS = 10 kHz, which results in
a PWM resolution of ∆κ = fPWM

fS
= 0.5 % with re-

gard to the periodic time TPWM = 1
fPWM

= 20 ms.
It is worth mentioning that the computational ef-
fort for the passivity based control is rather low
compared to other nonlinear control methods due
to the simplicity of the control law from Eq. (24).
The controller parameters α and β were chosen em-
pirically, however, it is expected that on a real test
axis the controller parameters must be optimized
due to some additional effects, like unknown friction
or other parasitic effects, which were not considered
in the modelling.
In Fig. 6 simulation results for a ramp-like move-
ment at a piston velocity of vd = 250 mm

s are de-
picted. In the upper diagrams the desired and the

2 For simplicity reasons the violation of the Lipschitz con-
dition due to the square root function is neglected here, since
critical operating points are not considered in this paper.
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Fig. 5: Block Scheme of the Interconnection and Damping Assignment Passivity Based Control (IDA-
PBC)

actual position of the piston are opposed. The sim-
ulations show a smooth movement of the piston
at a switching frequency of the PWM control of
fPWM = 50 Hz due to the pressure attenuation ef-
fect of the gas loaded accumulator. At the simula-
tion time t = 2 s a load force of F = 10 kN is applied
to the piston rod with a rate of 50 kN/s. With the
load observer the deviation due to the process force
can be completely compensated. In the middle dia-
gram of Fig. 6a the actual pressure p+p and the de-
sired pressure p + p⋆ according to the load observer
are illustrated. During the movement of the piston
some pressure fluctuations occur due to the switch-
ing of the digital hydraulic valves. The magnitude
of the pressure pulsations can be reduced by a larger
gas-loaded accumulator, which in turn slows down
the natural dynamics of the drive system. Thus,
the system design is always a compromise between
pressure ripples and response dynamics. In the pre-
sented case the pressure ripples are acceptable with
respect to the desired control performance. The
lower diagram in the same figure shows the actual
mean flow rate QIN according to Eq. (24), which is
averaged over one switching period TPWM = 1

fPWM
.

In the lower diagram the actual valve switching and
the duty ratio κ according to Eq. (36) are presented.
The hydraulic switching valves were considered as
seat type valves with a switching time of tS = 2 ms
for full opening. Due to their response dynamics
and the small control error in the desired rest posi-
tions the digital valves are not fully switched any-
more, i.e. they act in a so called ballistic mode (see,
for instance, [38]). Shrinking a dead band around
the desired rest position an arbitrary accuracy can
be achieved, at least theoretically. In practice the
achievable accuracy is mainly influenced by the de-
sign of the valves and their dynamic switching, the
load pressure and the sample time of the signal pro-

cessing unit. In Fig. 7a the states v̂ and F̂ of the
observer are opposed to their actual values. The
observer parameters were chosen quite soft in or-
der to show the difference between the actual and
the observed states. The closed loop behavior can
be improved significantly by a better tuning of the
observer and controller parameters, respectively. In
Fig. 7b the effect of the damping injection is illus-
trated. The diagrams show that the oscillations due
to the low natural damping (β → ∞) in combina-
tion with the softness resulting from the gas loaded
accumulator can be reduced significantly by the in-
jection of additional damping according to Eq. (27).

7 Conclusion and Outlook

In this paper an IDA-PBC for a digitally actuated
linear hydraulic drive was presented. With the ap-
plication of a gas loaded accumulator to the piston
chamber of a single acting hydraulic ram the natural
frequency can be tuned sufficiently below the today
feasible hydraulic switching frequencies for a proper
PWM actuation of the drive. The use of cheap and
robust digital hydraulic valves allows a low cost im-
plementation of the overall hydraulic drive system,
which results in lower installation costs and, fur-
thermore, in lower energy consumption compared
to drives controlled by piloted servovalves. With
the use of high response digital valves correspond-
ing large flow rates can be achieved within a few
milliseconds. Since the digital valves also have a
large nominal flow rate high drive velocities can be
realized. In fact, the gas loaded accumulator makes
the system soft, which on the other hand could be
advantageous for applications where force control
is intended. Furthermore, since additional damp-
ing can be injected to the drive system with the
presented controller also, for instance, active sus-
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pensions for vehicles can be realized with the ad-
vantages of digital hydraulics. The nonlinear en-
ergy based controller achieves satisfying results in
the presented simulations. Future work will be
devoted to experimental investigations of the pre-
sented controller. Furthermore, in some applica-
tions a pipeline between the cylinder and the accu-
mulator is desirable for maintenance reasons. Thus,
also the influence of the pipe line dynamics on the
system design will be a part of future investigations.
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